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ABSTRACT 

The Space Tribology Handbook contains a mere one 
statement about hydrodynamic bearings: 
“hydrodynamic… bearings are not considered, as such 
bearings are generally either impractical for space 
applications or do not involve tribological behaviour.” 
While this is correct for most space mechanisms, there 
are some applications, where hydrodynamic bearings are 
nonetheless used. This is the case for pumps driving 
thermal fluid loops for which they enable an 
encapsulation of the rotor and avoiding the need for seals 
between the mechanism’s rotor and stator. Some heritage 
on space pumps is available and is shared as introduction 
to this paper.  Existing literature does not however 
present guidelines for the sizing of a mechanism based 
on hydrodynamic bearings, and nanoSPACE and ESTL 
start filling this gap with the bearing design, analysis and 
test activities presented in this paper.  
 
1 INTRODUCTION 

While space pumps share a lot of commonalities with 
designs used for terrestrial applications, e.g. efficiency, 
operation over an extended lifetime, there are some 
additional challenges to be mastered for pumps used in 
space including the need to sustain environmental loads, 
be maintenance free or have redundant windings. Key 
challenges to master include: 
 
Control of vibration loads on the pump rotor:  
 
Calculating damping values is challenging due to non-
linear effects which depend on several fluid parameters 
like temperature, viscosity and velocity. 
Coupling the fluid dynamics with the structure analysis 
adds another layer of complexity, as the fluid react to 
changes during launch and operating conditions.  
An approach to model the impeller dynamics, evaluating 
the risk of hammering effects and possible amplification 
through the interaction with the stator is presented in this 
paper.  
 
Compliance to ECSS-E-ST-33-01C:  
 
A tailoring of the motorization margin calculation 
approach and the lifetime qualification testing are 
necessary to consider the particularities of pumps which 
operate in different lubrication regimes at start-up 

(boundary and mixed regime) or in nominal operation 
(hydrodynamic regime), and at a significantly higher 
operation speed than most space mechanisms, with 
speeds above 20’000 rpm. This paper presents the 
mechanism sizing approach considered for the pump 
developed for the European System Providing Refueling 
Infrastructure and Telecommunication (ESPRIT) and 
covers:  
 
• Measurements performed with a breadboard which 

allowed analysing the hydraulic bearing behaviour 
for different accelerations and various fluid 
operation speeds to provide measurement data for a 
proper motorization margin calculation 

• An assessment of the expected bearing wear during 
start-up and nominal operation to highlight the 
sensitivity of the hydrodynamic bearings on 
operation sequence.  

This paper summarises thus key challenges for the use of 
hydrodynamic bearings in space mechanisms and 
approaches to master them. 
 
2 SPACE PUMP HERITAGE 

The need for pumps suitable for space applications 
emerged from the introduction of active thermal and 
environmental control into space systems. Even the early 
manned missions like Vostok or Mercury included 
pumps for thermal control in their environmental control 
systems [5][6]. While those early systems had short 
operation lifetimes and were as simple as possible, more 
complex Mechanically Pumped Fluid Loops (MPFL) 
were introduced for the Skylab mission and the space 
shuttle.  These developments represent the heritage for 
the ISS External Active Thermal Control System (ATCS) 
and Photovoltaic Thermal Control System (PVTCS). In 
recent years the need for ATCS with MPFL raised for 
telecommunication satellites as they are driven towards 
higher flexibility with active antennas which generate 
increased heat loads with high fluctuation which can 
better be managed with ATCSs [7]. 
 
The importance of reliable pump designs was shown in 
2010, when one of the ISS cooling pumps shut down after 
an overcurrent event.  For 17 days, the ISS had to operate 
in a zero-fault tolerant mode relaying only on the 
redundant pump, while the failed pump was replaced 



 

with a spare one in three extravehicular activities (EVAs) 
that lasted 25 hours. The failed pump was returned to 
earth and investigated thoroughly. The main cause of the 
pump failure were the bearings which showed significant 
wear [4]. A mastering of the hydrodynamic bearing 
design is thus key for a long pump lifetime.  
 
3 BEARING DESIGN 

3.1 Design Drivers 

A hydrodynamic journal bearing involves a cylindrical 
shaft rotating inside a stationary cylindrical housing, or 
bush, with some eccentricity, so that a lubricant wedge 
with hydrodynamic lift capacity is formed when fluid is 
fed between the two surfaces. The bearing design must 
ensure primarily that lift capacity is maintained within 
the range of operating conditions, and secondarily, that 
operational problems are prevented. 
 
There are two levels of parameters in the design space: 
 
1. Specification parameters: specified by the project or 
the designer: 

a. Operation parameters: mean contact 
pressure (p) or applied load (W), shaft 
speed (n), operating temperature (T). 

b. Fluid parameters: dyn. viscosity (η), 
density (ρ), specific heat capacity (Cp) 

c. Bearing geometry: diameter (D), width (L), 
radial clearance (c) 
 

2. Dependent variables: the designer controls these 
indirectly through the specification parameters: 

d. Eccentricity (e), and eccentricity ratio 
(ε=e/c) 

e. Minimum film thickness (x0)  
f. Fluid flow rate (Q) and temperature 

difference between inlet and exit (ΔT) 
g. Friction coefficient (μ) 

 
Design assessments are included in the ISO 7902 (DIN 
31652) standard [1]. The ECSS standard specifies that for 
bearings, the ISO standard norms should be followed.  
 
The primary design assessments involve: 
 
1. Load capacity: The total load that the bearing can 
support is found by integrating the pressure around the 
bearing. This is done in practice using an analytical 
expression (in tabulated form), using the Sommerfeld 
number (So) as key ‘duty parameter’, linking the load to 
eccentricity ratio. Starting with an optimum value of 
εopt=0.7 and the L/D ratio, a value for So is produced, 
from which the load can be found: 
 

𝑆𝑜 = 𝜂𝑛𝐿𝐷
𝑊

( 𝐷
2𝑐

)
2
  (1) 

 

2. Minimum film thickness: It stems from clearance and 
eccentricity: 
 

𝑥0 = 𝑐(1 − 𝜀)  (2) 
 
It must be kept above 3-5x the composite roughness of 
shaft/bush, to prevent asperity contact. 
 
3. Friction coefficient: The friction coefficient (μ) is the 
ratio of hydrodynamic friction force (F) and load (W), 
with both increasing with ε, but at different rates: 
 

𝐹 = 2𝜋𝜂𝑛𝑈𝐿𝐷
2𝑐

1
(1−𝜀2)0.5  (3) 

 
where U is the entrainment velocity. With ε approaching 
1, both W and μ tend to infinity, however practical 
considerations cause an upper limit for ε [2]. Friction 
drives the bearing wear and lifetime and is therefore 
addressed more in detail in chapter 5 and 6. 
 
4. Fluid flow rate: the rate depends on inflow, outflow 
rate on the fluid wedge and leakage from the side: 
 

𝑄 = 𝑈𝑐𝐿𝜀  (4) 
 
If this rate is not covered by the dimensions of the inlet 
orifice, starvation will occur. The inlet flow rate depends 
on its design (single circular hole, short rectangular 
groove, long groove, circumferential groove) and inlet 
overpressure. 
 
The operational design assessments involve: 
 
1. Cavitation: Large negative pressures will cause a 
bubble of the fluid vapour in the contact outlet. In journal 
bearings it forms as a series of streamers. It is affected by 
eccentricity and the type of inlet. It is detrimental 
because, collapse of the cavitation bubble causes 
cavitation wear. With space fluid, which have low vapour 
pressure and operate in vacuum, this is not a concern; 
with other working fluids in pressurised systems, it 
remains. 
 
2. Stability: Hydrodynamically induced vibration, or 
‘fluid whirl’ is caused when the centre of the shaft spins 
around instead of maintaining a stable angular position. 
Transition to unstable regime depends on a ‘stability 
parameter’ (P): 
 

𝑃 = 2𝐹
𝑀𝑐𝜔2  (5) 

 
where M is the vibrating mass. Bearings with circular 
hole inlets are generally unstable if P<0.2 and ε<0.8. 
 
3. Rotating load: A rotating load affects the load capacity, 
because the attitude angle rotates with it, and if its speed 
(ωL) aligns with the shaft angular speed (ωs), the 



 

entrainment velocity may become zero. This happens at: 
 

𝜔𝐿 = 0.5𝜔𝑆  (6) 
 
 
4. Shaft misalignment: ‘Tilt’ increases the clearance 
required to achieve the same minimum film thickness. 
 
5. Heat transfer: Heat is removed from the bearing via 
radial conduction and convection to the fluid. With either 
an iterative or ‘constant flow’ approach, the temperature 
difference (ΔT) can be estimated. 
 
6. Stiffness: Bearing stiffness is the gradient of load to 
film thickness:  
 

𝐾 = − 𝑑𝑊
𝑑𝑥

  (7) 
 
 
3.2 Detailed Bearing Design 

For hydrodynamic bearings many design types and 
subtypes exist. A detailed overview over advantages, 
disadvantages and the performances of different bearing 
designs is presented in [8] and includes:  
 
Fixed Pad Non-Preloaded Journal Bearing 
Fixed pad non preloaded bearing are all variants of 
journal bearing where the pad surfaces are circular and 
all concentric on a circle with R+c  as shown in Fig. 1 
they may have axial groves, a bush or only a part arc.  
 

plain journal bearing 

 

partial arc bearing 

 
four axial groove 

bearing 

 
 

floating bush bearing 

 
 

Figure 1. Fixed Pad Non-Preloaded Journal Bearings  
 

These types of bearings are easy to manufacture but are 
subject to fluid swirl. The plain journal bearing or the 
floating bush bearing have a further advantage as the 
applied force can be unidirectional.  

Fixed Pad Preloaded Journal Bearings 
For fixed pad preloaded journal bearings, the pad 
surfaces are not circular or have an eccentricity from the 
theoretical bearing centre as illustrated in Fig. 2. This 
makes the fluid film thickness more converging.  
 

offset half bearing

 

two lobe or elliptical 
bearing

 
 

three lobe bearings

 
 

four lobe bearings 

 
 

Figure 2. Fixed Pad Preloaded Journal Bearings  
 
Fixed preloaded journal bearings are more expensive and 
difficult to manufacture but have the advantage to 
suppress instabilities. The load direction must be known 
as they have not unidirectional load capacity. 
 
Fixed Pad Journal Bearings with Steps, Dams, or Pockets 
In addition to only having groves, the bearings can have 
cuts, dams or pockets in all types of shape and forms. 
Dams and pockets can be used to increase fluid flow 
through the bearings. 
 
Non-Fixed Pad Journal Bearings 
For non-fixed pas journal bearings, the pad surface in the 
bearings is not fixed and can pivot around a fixed point. 
The number of tilting pads can vary from three up to 
seven pads. With that pads create a strongly converging 
film thickness. Tilting pad journal bearings are expensive 
but are wildly used to dampen and supress sub 
synchronous vibrations.  
 
Bearings used for the bearing breadboard 
The bearings used in the nanoSPACE pump and 
characterised in the bearing breadboard presented in 
chapter 5 are fixed pad non-preloaded journal bearings 
with three pockets and a supply channel to the pockets as 
illustrated in Fig. 3. 
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Figure 3. nanoSPACE pump bearing with channels and 

3 pockets  
 
4 MODELLING APPROACH 

As highlighted in the introduction, one of the key 
challenges to master for the systems based on 
hydrodynamic bearings is their structural analysis due to 
the floating shaft. A proper modelling of their behaviour 
under vibration loads is nonetheless mandatory to 
properly capture the clearance between the shaft and the 
hydrodynamic bearing and avoid hammering effects 
under launch loads.  
 
4.1 Theory 

The basis of lubrication theory is given by the Reynolds 
equation which characterises squeeze-film effects. 
According to [3], for purely squeeze-film action with an 
isoviscous, incompressible, lubricant, and with no 
variation circumferentially (i.e. ignoring pockets), it is 
given by:  
 

− 1
(𝑥∗)𝑏

𝑑𝑥∗

𝑑𝑡
= 𝑎( 𝑐2

𝜂𝑅3𝐿
)𝑊  (8) 

 
where 𝐿 is the width; 𝑅 is the radius, 𝑐 is the clearance; 𝑥  
represents the clearance variable (traveling of bearing in 
radial direction); 𝑎 and 𝑏 are numerical constants 
depending on 𝐿/𝑅; 𝑥∗ = 𝑥/𝑐 is the normalised minimum 
film thickness; 𝜂 is the viscosity and W squeeze film 
force. 
 
The fluid damping equation can be formulated as: 
 

𝐶𝐷 =  𝜂𝑅3𝐿
𝑎𝑐3 ∙ 1

(𝑥∗)𝑏  (9) 
 
where 𝐶𝐷 represents the fluid damping and all other 
parameters are described in the previous paragraph. 
 
The interaction between fluid and the shaft is considered 
mainly dominated by the fluid in regards of damping 
effects. However, the fluid damping increases when it’s 
compressed. This effect has been analysed with a 
Computational Fluid Dynamics (CFD) model which 
included a pad surface modelled as stationary, smooth 
wall, and a shaft that followed a displacement based on a 
sine wave with fixed amplitude and frequency. The fluid 
damping properties was computed for various timesteps, 
whereby for each timestep, the fluid mesh was adapted 

based on the previous shaft displacement as illustrated in 
Fig. 4. 
 

 
undeformed initial mesh 

 
deformed mesh with 

inner pad surface moved 
by dx 

 
Figure 4. CFD Model Mesh Deformation  

 
Fig. 5 illustrates the damping of a 14 mm bearing 
oscillated at a frequency of 22 Hz which shows a rapid 
increase in the fluid damping with higher shaft 
displacement (i.e. when the fluid is compressed).  
 

 
Figure 5. Hydrodynamic Bearing Damping  

 
This non-linear fluid damping behaviour has the 
advantage that the shaft will not touch the hydrodynamic 
bearing if the fluid viscosity is high enough as shown in 
Fig. 6. The risk of hammering and bearing damage can 
thus easily be analysed at bearing level through iterative 
analyses. 
 

 
Figure 6. Hydrodynamic Bearing Dynamics 
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The simplified component level analyses do however not 
consider the oscillation amplification caused by the 
elements surrounding the hydrodynamic bearing. Since 
the implementation of the non-linear behaviour of the 
fluid damping is considered too complex for integration 
in a FSI model, an average damping is considered, 
whereby the damping value corresponds to the average 
damping which would lead to the same max. 
displacement for a given oscillation frequency. Fig. 7 
shows the average damping of a 14mm bearing for 
various frequencies and amplitudes as example.   
 

.  
Figure 7. Average Damping vs. Frequency and 

Amplitude 
 

4.2 FSI Model 

Fig. 8 shows the FSI model of the pump used to analyse 
system level effects on the shaft dynamics and verify if 
they increase the risk of hammering.  
 

 
Figure 8. FSI Model Overview 

 
A sinusoidal input radial loads was applied at the pump 
interface and a transient simulation was performed to 
analyse the shaft displacement under this load as 
illustrated in Fig. 9 for a 20g at 22Hz.  
 
The observed max shaft displacement computed with the 
FSI model and the iterative bearing level analysis differ 
by less than 1% as shown in Tab. 1. The use of the 
average damping for system level analyses is thus an 
acceptable simplification for the bearing/shaft interaction 
modelling.  
 

 
Figure 9. Shaft Displacement for 22 Hz 

 
Simulation 
Case 

Bearing Level 
Analysis 

System Level Analysis 
with FSI Model 

11mm / 5 Hz 24.2µm 24.2 µm 
20g / 22 Hz 24.7µm 24.8 µm 

Table 1. Shaft Displacement 
 
5 FRICTION TORQUE 

Another challenge to master is the hydrodynamic bearing 
friction torque, especially considering the need to provide 
inputs for the pump motorisation margin budget early in 
the development. To gain confidence in predicted values, 
a correlation between the hydrodynamic bearing friction 
torque calculation and test measurements was performed 
as presented hereafter.  
  
5.1 Torque Prediction 

For the prediction of the torque in a hydrodynamic 
bearing, each of the three lubrication regimes described 
by Richard Stribeck [9] has to be analysed separately: 
 
Boundary Lubrication or Static Friction 
In this regime, the torque is manly based on the static 
friction and therefore on the material combination (i.e. 
static friction coefficient) and the radial static forces 
acting on the bearings given by the equation:  
 

𝑇0 = 𝐹𝑓 ⋅ 𝑑𝐵
2

=  𝜇 ⋅ 𝐹𝑟 ⋅ 𝑑𝐵
2

  (10) 
 
The main challenge to predict the friction is to get an 
accurate estimation on the friction coefficient and the 
radial force, whereby the radial force is mainly driven by 
the magnetic forces generated by the motor in a pump.  
 
Mixed Lubrication Regime 
The friction in mixed lubrication regime varies between 
the static friction and the hydrodynamic friction. Since 
most bearing wear occurs within this regime, it must be 
overcome as fast as possible and operation of 
hydrodynamic bearings in the mixed lubrication regime 
shall be avoided. Ideally, the mixed lubrication regime is 
overcome within the first half rotation. Thus, with rising 
rotating speed the torque falls to a minimum at which 
point the transition to the hydrodynamic regime occurs. 
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Hydrodynamic Lubrication 
The hydrodynamic bearing friction torque is given by the 
Sommerfeld number and Petrov’s law described in [2]: 
 

𝑇𝐵 = 3 ⋅ c
𝑆𝑜

⋅ 𝑊 ⋅ 𝐷 (11) 

where c is the bearing gap, 𝑆𝑜 is the Sommerfeld number, 
𝑊 is the force on the bearing and 𝐷 its diameter.  
 
5.2 Torque Verification 

To validate the torque prediction presented in the 
previous section, the bearing breadboards (BB) shown in 
Fig. 10 and Fig. 11 were designed and built.  
 

 
Figure 10. Bearing Breadboard Configuration 1 

 
The main component of the bearing breadboard consists 
of a fluid chamber which encapsulates two radial 
bearings and a floating shaft. The shaft is driven through 
a magnetic coupling connected via a torque sensor (Fig. 
10, configuration 1) or a force sensor (Fig. 11, 
configuration 2) to a brushless motor which is supported 
by a near friction less air bearing.  
 

 
Figure 11. Bearing Breadboard Configuration 2 

 
The bearing friction was characterised for speeds up to 
23’000 rpm, whereby all measurements were carried out 
with and without hydrodynamic bearings and shaft to 
remove the effects of the test set-up on friction 
measurements. The results of the bearing friction 
measurements vs. speed are shown in Fig. 12 for the 
breadboard configuration 1 using a torque sensor and in 
Fig. 13 for the breadboard configuration 2 based on the 
force sensor. For both measurements, the effectively 
measured bearing friction is slightly below the predicted 

theoretical value which confirms that Petrov’s law is 
suitable for the bearing sizing. Measurements taken with 
the configuration 2 presented in Fig. 13 show less 
perturbation caused by the test set-up due to the more 
direct load path.   
 

 
Figure 12. Bearing Torque vs. Speed Measured with BB 

Configuration 1 
 
 

 
Figure 13. Bearing Torque vs. Speed Measured with BB 

Configuration 2 
 

Since the hydrodynamic bearing friction torque is 
expected to be higher during the start-up phase, 
measurements were also taken for various acceleration 
speeds. Independently of the acceleration applied, the 
measured torque showed the same behaviour illustrated 
in Fig. 14: First the torque increases until the static 
friction is overcome, plumets as soon as the static friction 
is overcome even overshoots due to jerk reaction from 
the magnetic coupling and then steadily increases within 
the hydrodynamic regime until the constant speed is 
reached. 
 
The starting friction of a hydrodynamic bearing can thus 
be higher than its running friction and needs to be 
considered for a proper motor sizing.  
 

torque sensor motor 

fluid stage with 
2 hydrodynamic 
bearings 

magnetic 
coupling 
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fluid stage with 
2 hydrodynamic 
bearings 
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coupling 



 

 
Figure 14. Bearing Torque vs. Time During Start-Up 

 
 
6 MARGIN AND LIFETIME 

6.1 Motorisation Margin Calculation 

Space mechanisms are usually sized to provide a 
motorisation margin calculated according to [10]. This 
standard specifies how to handle resistive torques 
generated by the inertia, springs, magnetic effects, 
friction, hysteresis or adhesion. There is however no 
guideline how to consider fluid recirculation losses 
which represent a significant loss contributor in a pump. 
Furthermore, since the hydraulic power is usually defined 
as key performance to be reached by a pump, it could be 
treated as ‘deliverable output torque’ (TL) on which no 
additional margin is applied. While this approach is 
suitable for most space mechanism’s, it cannot directly 
be applied to pumps as the pump sizing (and thus the 
selection of its operating speed and torque) is managed 
by the pump supplier. Those particularities need to be 
considered in the motorization margin calculation for a 
pump motor sizing. A first discussion about suitable 
uncertainty and motorization margin factors was held 
with ESA in the frame of the ESPRIT pump 
development, during which it was agreed to apply an 
uncertainty factor of 1.25 on both – the hydraulic power 
and the fluid recirculation losses. The equation to 
calculate the minimum torque to be provided by the 
pump motor is thus:  
 

𝑇 > 2(1.1𝐼 + 𝑈𝐹 ∙ 𝐹𝑅) + 1.25(𝑇𝐻𝑌𝐷 + 𝐹𝑅𝐻𝑌𝐷)      (11) 
 
With 𝑇𝐻𝑌𝐷  = torque needed to generate targeted hydraulic 
power at outlet, 𝐹𝑅_𝐻𝑌𝐷 = sum of hydraulic losses inside 
the fluid stage, 𝑈𝐹  = Uncertainty factor for friction 
torque (i.e. 3.0 for theoretical values, 1.5 when measured 
values are available). 
 

For completeness, the motorization margin calculation 
should be done for the pump start-up as well as the 
nominal operation condition, as friction can vary 
significantly in the two operation regimes.  
 
6.2 Wear Calculation 

Failures in the bearing are the main driver of the pump 
lifetime, whereby most wear occurs during the pump 
start-up/stop phase, i.e. when the bearings transits from 
static/mixed lubrication regime to hydrodynamic 
lubrication regime or vice-versa. Indeed, the wear 
volume during this transition is given by [11]:    
 

𝑉𝑉 = 𝑘
𝐻

∙ 𝐹 ∙ 𝑠 (11) 

Where 𝑘 is the wear coefficient, 𝐻 the surface hardness, 
𝐹 the force acting on the bearing and 𝑠 the sliding 
distance.  
 
The wear coefficient during the start-up/stop phase is 10 
orders of magnitude higher than during operation where 
the bearing has reached the hydrodynamic regime [12], 
[13]. The lifetime of a pump thus often depends on its 
operation cycle during ground test activities and its 
orbital lifetime as illustrated through the wear analysis 
done for the ESPRIT pump shown in Tab. 2.  

 
Operation 
Case 

Description Wear depth 

Start-up 1 start-ups 19 nm 
Nominal 
operation 

552 h,  
904 Mio revs 

0.2 nm 

Table 2. Wear During Start-Up and Nominal Operation 
 
Leaving the pump running over an extended period 
instead of switching it on and off for each functional test 
is thus often beneficial for its lifetime which can be 
defined through three criteria:   
 
Contamination: The particles generated through wear 
need to remain below the allowed fluid contamination 
requirement defined for the hydrodynamic bearings or 
the mechanism (e.g. pump) in which they are used. 
 
End of Life Performance: During the bearing 
qualification (i.e. considering design margins), the 
bearing abrasion thickness needs to remain one order of 
magnitude smaller than the bearing gap to guarantee 
similar beginning and end of life performances.  
 
Reliability: During nominal bearing operation (i.e. 
nominal in-orbit lifetime), the bearing abrasion thickness 
needs to remain one order of magnitude smaller than the 
bearing gap to guarantee that the targeted reliability 
requirements are met. 
 
 

jerk reactions 



 

7 CONCLUSION 

This paper provided an introduction to the use of 
hydrodynamic bearings for space mechanisms and 
highlighted a number of key challenges to control and 
master, including 

- the consideration of their non-linear damping 
behaviour when submitted to vibration loads 

- their friction torque variation when they are 
operated in different lubrication regimes 

- their contribution to the motorisation margin 
budget and the contribution of other hydraulic 
losses 

- their impact on a mechanism’s lifetime 
 
Only a mastering of those challenges will allow 
developing a pump for reliable operation in space as 
successfully demonstrated by nSS through the ESPRIT 
development.   
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